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Abstract

Previous methods for predicting the heat transfer and pressure drop performance of
crossflow heat exchangers with finned tubes have concentrated on developing correlations.
These correlations have been based on the researchers observations of what geometric
parameters may affect the performance, and then dimensionless groups developed to allow
a correlation to be developed. This work shows that many of these models are limited either
by design or by their databases, and often are not general enough to cater for air-cooled

heat exchangers as well as the generally larger scale heat recovery bundles.

The most recent prediction methods have been developed as more aerodynamically based

models, although these still encompass an element of empiricism to account for effects that

are not readily understood. This new work develops from these physically based models.

An improved method for the prediction of the pressure drop of staggered finned tube
bundles is presented, based on high quality test data and the results of a CFD
(Computational Fluid Dynamics) study. This is shown to perform better than previous

models, and also correct a defect in the formulation of a previous method.

A new prediction scheme for inline finned tube bundles is also presented. Experimental
work was performed on nine inline air coolers to determine their performance

characteristics and, along with open literature data, develop a reliable databank for

prediction method development. The models incorporate a new approach to the pressure

drop prediction using a sophisticated gap flow model, and a multiple term heat transfer
model, that considers heat transfer and flow mixing between the main flow streams. This

method is shown to significantly improve on previous methods.

Experiments were conducted on an isothermal staggered air-cooler bundle that allowed
differing wall sealing devices (corbels) to be used, or allow a bypassing lane. Flow
visualization tests were performed on this bundle, and observations of the flow patterns

compared with a simple two-dimensional CFD model. From the test results a new method



of predicting the pressure drop performance of staggered bundles with various corbels was

developed.

Using the bypassing air-cooler data and new data taken from a heat recovery bundle an
iterative method to predict the pressure drop when a bypassing lane is present is presented.
This method is shown to be both simple and computationally cheap, and is used in

conjunction with the new staggered bundle pressure drop method.

The experimental inline air cooler results were used in conjunction with CFD to provide
data to investigate the effect on heat transfer with an increasing number of rows through the
bundle. It was found that the key factors in determining this are turbulence and the
temperature difference between the tubeside and crossflow fluids, and also that the fin
frequency plays a key role. A model is presented to predict the local heat transfer
coefficient, which uses sub-models to express the two contributory factors. The results of

this approach are shown to be very good, and promote better understanding of tube row

heat transfer duty than previously developed models.

vi



Table of Contents

Title Page 1
Copyright statement il
Dedication 111
Acknowledgements iv
Abstract \'
Table of contents Vil
Nomenclature Xvl
Chapter 1: Introduction 1
1.0 Introduction 2
1.1 Crossflow heat exchangers 2
1.2 Crossflow Heat Exchanger Modelling 3
1.3 Framework for PhD project 4
1.4 Limitations of the project 4
Chapter 2: Review of previous work 6
2.0 Introduction 7
2.1 Staggered bundle performance prediction methods 7
2.1.1 Correlation 7
2.1.2 Correlation methods 8
2.1.3 Physically based models 16
2.1.4 Conclusions 21
2.2 Inline Bundles 21
2.2.1 Correlation methods 22
2.2.2 Physically based models 23
2.2.3 Conclusions 24
2.3 Use of Corbels as wall séaling devices 24
2.3.1 Results 26
2.3.2 Conclusions 28
2.4 Bypassing flow prediction methods 28
2.4.1 Plain tube bundle studies 28
2.4.2 Finned tube bundles 30
2.4.3 Conclusion 30
2.5 Development of heat transfer over an increasing number of tube rows 31
2.5.1 Approach to experiments in row effect 31
2.5.2 Results of plain tube inline bundle studies 32
2.5.3 Results of finned tube inline bundle studies 33
2.5.4 Stability of heat transfer 36

2.5.5 Conclusion

37



2.6 Computational Fluid Dynamics modelling of tube bundles 37

2.6.1 Necessity of CFD 37
2.6.2 Plain tube banks 38
2.6.3 Finned tube banks 38
2.6.4 Conclusion 39
2.7 Summary and project objectives 40
Chapter 3: Experimental apparatus 42
3.0 Introduction 43
3.1 Multi Purpose Wind Tunnel (MPWT) 43
3.1.1 Test Facility 43
3.1.2 Data Acquisition System (DAS) 47
3.1.3 Analysis software 47
3.1.4 Operation of the rig 48
3.2 High Temperature Wind Tunnel (HTWT) 50
3.2.1 Test facility 50
3.2.2 Bundles 52
3.2.3 Instrumentation and measurements 52
3.2.4 Data Acquisition System (DAS) 54
3.2.5 Operation of the rig 54
3.3 Inline Air Cooler Bundles 54
3.3.1 Square Pitch Bundles >4
3.3.2 Rectangular pitch bundles 56
3.4 Staggered Heat Recovery Bundle 37
3.4.1 Geometry of Bundle 57
3.4.2 Construction of Bundle 59
3.4.3 Thermocouple Correction 60
3.5 Staggered air cooler bundle with without corbels 61
3.5.1 Bundle Design 61
3.5.2 Tube layout 63
3.5.3 Corbel design 64
3.5.4 Corbel geometries 65
3.6 Method of data reduction/analysis 66
3.6.1 Heat Balance 66
3.6.2 Determination of heat transfer coefficients 66
3.6.3 Heat Transfer Characteristics 68
3.6.4 Pressure Loss Characteristics 69
3.6.5 Airside Reynolds Number 69
3.6.6 Uncertainty Analysis 69

Chapter 4: Experimental Results 70




4.0 Introduction 71

4.1 Test programmes 71
4.2 Test conditions 71
4.2.1 Inline air cooler bundles 71
4.2.2 Heat recovery bundle 72
4.2.3 Staggered air cooler with and without corbels 72
4.3 Inline air coolers 72
4.3.1 Results of square pitch bundles 72
4.3.2 Characteristics of square pitch bundles 73
4.3.3 Results of rectangular pitch bundles | 75
4.3.4 Characteristics of rectangular pitch bundles 76
4.3.5 Predicted performance of square pitch bundles 80
4.3.6 Predictions on rectangular pitch bundles 82
4.3.7 Conclusions on square pitch bundles 84
4.3.8 Conclusions on rectangular pitch bundles 84
4.4 Heat Recovery Bundle with and without corbels 84
4.4.1 Heat transfer characteristics with and without corbels 84
4.4.2 Measured Pressure Drop and Calculated Bypass Flow 85
4.4.3 Bypass friction factor 33
4.4.4 Differences in heat transfer 89
4.5 Staggered air cooler with varying corbel shapes and flow bypassing 90
4.5.1 Results of bundles with varying corbels 90
4.5.2 Pressure drop results and pressure loss characteristics 93
4.5.3 Conclusions of testing 94
4.6 Data from the HTFS Databank 93
4.6.1 Data Source Types 95
4.6.2 HTFS data 95
4.6.3 Open literature data 06
4.6.4 Data sources 100
Chapter 3: Computational Fluid Dynamics (CFD); general considerations
for models of finned tube crossflow heat exchangers 102
5.0 Introduction 103
5.1 Theory of CFD modelling 103
5.1.1 The governing equations 103
5.1.2 Solving the equations 105
5.2 Model inlet section 105
5.3 Model outlet section 105
5.4 Tubes and fins 106
5.5 Mesh of three dimensional models 106

5.5.1 Finned tubes 107

L
1V



5.5.2 Tube domain

5.5.3 Bundle inlet sections

5.5.4 Bundle outlet sections

5.5.5 Mesh independence
5.6 Airside boundary conditions
5.7 Turbulence models

5.7.1 Turbulence Model Selection

5.7.2 Spalart-Allmaras model

5.7.3 k-epsilon

5.7.4 RNG k-epsilon

5.7.5 Realizable k-epsilon

5.7.6 Models 1n practice

5.7.7 Conclusion of turbulence model selection

5.8 Inlet turbulence approaching the tube bundle
3.9 Wall treatment

5.9.1 Different wall treatments

5.9.2 Resolution at wall

5.9.3 Refining the wall region
5.10 Solution scheme

5.10.1 Solution Accuracy

5.10.2 Pressure-Velocity Relation

5.10.3 Pressure Interpolation Scheme
S.11 Non-standard functions
5.11.1 Air Physical Properties

5.11.2 Turbulent Prandtl number
5.12 Conclusions

107
108
108
109
109
109
109
110
110
111
111
112
113
114
115
115
116
117
117
117
118
118
118
118
119
120

Chapter 6: Improved performance prediction method for staggered

finned tube bundles
6.0 Introduction
6.1 Demonstrating HTFS2’s deficiency
6.2 CFD analysis of staggered bundles
6.2.1 Model
6.2.2 Validation
6.2.3 Results of C¥D validation
6.3 New method
6.3.1 Change of Method Basis
6.3.2 Tube loss coefficient
6.3.3 Fin Loss Coefficient
6.3.4 Gap Loss Coefficient
6.3.5 Bundle loss coeflicient

121
122
122
125
125
127
127
130
130
132
132
133
136




6.4 Pressure drop model

6.5 Heat transfer

6.6 Deep Tube Bundles

6.7 Comparison With Data
6.7.1 Pressure drop
6.7.2 Heat transfer

6.8 Comparison with Air Cooler Bundles
6.8.1 Pressure drop
6.8.2 Heat transfer

6.9 Comparison with heat recovery bundles
6.9.1 Pressure drop
6.9.2 Heat transfer

6.10 Comparison with Open Literature Sources

6.10.1 Pressure drop

6.10.2 Heat transfer
6.11 Conclusions

Chapter 7: New method for modelling inline finned tube bundles
7.1 Introduction

7.2 CFD study of inline bundles
7.1.1 Model geometry
7.1.2 Mesh
7.1.3 Tubeside boundary conditions
7.1.4 Validation Results
7.1.5 Heat transfer results
7.1.6 Deviations of CFD predictions from experimental data
7.2 Pressure loss characteristics
7.3 New tube and fin loss model
7.3.1 Tube loss coefficient
7.3.2 Fin Loss Coefficient
7.3.3 Fin tips touching coefficient
7.4 Augmented mass transfer coefficient
7.4.1 Horseshoe vortex generation
7.4.2 Application to inline bundles

7.4.3 Augmented mass transfer model
7.5 Gap Loss Coefficient

7.5.1 Flow area relation

7.5.2 Number of rows effect on pressure drop

7.5.3 Virtual blockage and mass transfer
7.5.4 The average boundary layer

7.5.5 Building the gap loss coefficient

X1

137
137
138
140

140
141
142
142
142
143
143
144
144
144
145
145

146
147
147
147
148
149
150
152
155
156
157
157
157
158
158
158
159
160
162
162
163
165
170
172




7.6 Overall bundle loss coefficient
7.7 Overall bundle pressure drop
7.8 Heat transfer
7.8.1 Previous model basis
7.8.2 New model basis
7.8.3 Implementation of gap flow effects
7.8.4 New j factor Correlation
7.8.5 Horseshoe effect on heat transfer model
7.9 Influence of geometric parameters
7.9.1 Effects of varying longitudinal pitch
7.9.2 Effects of varying transverse pitch
7.9.3 Effects of varying fin frequency
7.10 Comparison With Data
7.10.1 Prediction ranges and confidence statistics
7.10.2 Evaluation of new method
7.10.3 Pressure drop

7.10.4 Heat transfer
7.11 Conclusions

Chapter 8: Modelling the influence of corbel shapes on bundle
performance

8.0 Introduction
8.1 Initial CFD study

8.1.1 Model Domain
8.1.2 Mesh

8.1.3 Boundary Conditions
8.1.4 Numerical Solution

8.2 CFD Results
8.2.1 Flow patterns
8.2.2 Heat transfer
8.3 CFD predicted pressure drop

8.4 Quantifying Corbel Effect on Pressure Drop
8.5 Conclusions of CFD work

8.6 Experimental study
8.7 Differences between experimental and CFD
8.8 Visualisation of Flow

8.8.1 Half Tubes

8.8.2 Sealing Strips

8.8.3 Inverted V

8.8.4 Square Block

8.9 Corbel model developed from experimental data

Xi1

172
173
173

173
173
174
175
176
177
177
180
182
185
185
186
186
188
189

191
192
192
193
194
194
195
196
196
201
202
202
203
203
204
205
206
206
207
208
209




8.10 Scalability concerns 212

8.11 Corbel correction models 213
8.12 Comparing the model with measurements 214
8.13 Behaviour of the model 216
8.14.1 Corbel Height 216
8.14.2 Number of tubes per row 217
8.14 Conclusions 219

Chapter 9: A method to evaluate the influence of flow bypassing on

staggered finned tube bundles 221
9.0 Introduction 222
9.1 Initial method 222
9.2 Air cooler experimental bundle 223
9.3 Experimental air cooler results , 223
9.3.1 Results 224
9.3.2 Assumptions 225
9.4 CFD study of bypassing 225
9.4.1 CFD results 225
9.4.2 Application to finned tubes 227
9.5 Visualisation of Flow 227
9.6 Determining the bypass flow 228
9.6.1 Contribution of bypass flow 228
9.6.2 Flow split analysis for air cooler bundle 229
9.6.3 Flow split analysis for the heat recovery bundle 231
9.7 Description of proposed bypass model 233
9.8 Development of the new bypass pressure loss model 234
9.8.1 Friction factor of bypass 234
9.8.2 Expanded range bypass model 235
9.9 Bypass pressure drop calculation procedure 236
9.9.1 Flow chart | 236
9.9.2 Iteration Method 237
9.10 Heat Transfer in a bypassing bundle 241
9.11 Comparison With Data 241
9.11.1 MPWT pressure drop data 241
9.11.2 HTWT pressure drop data 243
9.11.3 HTWT heat transfer data 244
9.11.4 Further considerations for a bypassing j factor model 245
9.11.5 Overall Comparison 246
9.12 Scalability of bypass method 247
9.12.1 Bypass gap height 247
9.12.2 Number of tubes per row (Duct height) 247

Xiit




9.12.3 Number of tube rows
9.12.4 Fin Diameter
9.13 Conclusions

Chapter 10: Modelling the effect of number of the number tube
rows on heat transfer in inline bundles

10.0 Introduction

10.1 CFD models
10.1.1 New geometries modelled
10.1.2 CFD solution scheme

10.1.3 Boundary conditions
10.2 CFD results

10.2.1 Local temperatures

10.2.2 Presentation of row characteristics

10.2.3 CFD results for bundle 1
10.2.4 CFD results for Bundle 4
10.2.7 Temperature profiles

10.2.8 Temperature through bundles and heat transfer stability

10.2.9 Turbulence effects
10.3 Data analysis

10.3.1 Geometry calculations
10.3.2 Initial data

10.3.3 Determination of row heat transfer coefficient

10.3.4 Classic Method

10.4 Heat transfer coefficient results
10.4.1 Bundlel

10.4.2 Bundle 4

10.4.3 Differences in data
10.S Prediction model

10.5.1 Model basis

10.5.2 Turbulence Parameter

10.5.3 Influence of temperature

10.5.4 Fin frequency

10.5.5 Complete model
10.6 Application of the model
10.7 Data prediction

10.7.1 Deviations from data

10.7.2 Comparison of calculated correction factors and predicted correction

factors
10.9 Range of applicability
10.10 Conclusions

X1V

248

249
2350

252
233
254
254
233
233
2355
235
255
256
265
267
271
272
274
275
273
276
277
277
278
279
280
282
282
282
284
284
284
285
285
285

286
289
289



Chapter 11: Conclusions and suggestions for further work
11.0 Introduction

11.1 Conclusions
11.2 Recommended improvements/development

Bibliography

Appendices

Appendix A Measurement Uncertainty

Appendix B Calculation of the heat transfer coefficient from the j factor

Appendix C Fin efficiency and surface effectiveness calculation method
Appendix D List of project publications by author

XV

291
292
292
2935

299

308
309
326
327
328



Nomenclature

Ap
ABTrow
Abpl

ABundie
ABypass

Bypass area for all bypass lanes

Area of bare tube per row (base tube area)

Blockage in heat exchanger duct

Face area of the finned tube bundle

Total face area of the bypass lanes

Area of duct

Face area of the duct

Exposed area of fins on one tube row

Airside surface area of the bare tubes

The total airside surface area for heat transfer

Ratio of extended surface area to the area of the base tube
Total outside surface area of the row

Exposed tube area per row, with fins in place (bare tube area)
Augmented Mass Transfer Coefficient

Specific heat capacity of gas at bulk conditions

Local specific heat of air at constant pressure
Row correction factor

Sensitivity coefficient

Equivalent diameter

Tube annulus equivalent diameter (D; — tube core diameter)
Equivalent diameter of tubes used in CFD model

Fin tip diameter
Tube diameter

Tube inside diameter
Point on fin radius where flow length is calculated
Sensitivity coefficient vector

Transposed sensitivity coeflicient vector
Gap between fins on CFD model

Fin Frequency Function

Darcy friction factor

Friction factor for bundle calculated from a7,
Bypass friction factor

Fanning friction factor for bundle calculated from M
Gap allowance term for staggered tubes

Diagonal gap between staggered tubes
Length from entry section to first fin on CFD model

Length from last fin to exit section on CFD model
Gap from edge of domain to fin (W-0.5s¢)

XVi

;\; ’ BNBNBNBNBMBNBMEMBNSNBNBNBN
0Q
7

54 8 8 B B




LEntry
LExit

Lms

Lr
Las

Mg
Mc

M

¢

Transverse gap between staggered tubes

Effective gap ratio
Transverse gap area ratio
Gravitational acceleration
Height of bypass lane

Height from the duct wall to the centre of the tube nearest the wall

Height of corbel
Height of duct
Fin height

Overall HTC based on the total outside surface area per row

Turbulence intensity
Inline arrangement parameter
Turbulence intensity prediction

Turbulence intensity prediction for low fin frequencies

Colburn j factor

Total Bundle loss coefficient (staggered bundies)

Total Bundle loss coefficient (inline)

Bundle loss coefficient

Fin skin loss coefficient (staggered bundles)

Fin skin loss coefficient (inline)

Combined Fin skin and tube loss coefficient (staggered bundles)

Fin and tube loss coefficient (inline)

Gap loss coefficient (staggered bundles)

Gap loss coeflicient (inline)
Row eftect coefficient

Tube loss coefficient (staggered bundles)

Tube loss coefficient (inline)
Coverage factor
Turbulent kinetic energy

The bypass lane width = 0.0373

Length of bundle on CFD model

Length of entry section to bundle on CFD model
Length of exit section from bundle on CFD model

Fin length along tube top line
Tube length

Fin length along tube top region
LMTDgrow Logarithmic mean temperature difference over a tube row

Flow through bypass lane
Flow through bundle

Condensate mass flow rate

XVil

m0.3 / 80.3
m0.44 /80.44

0.7 14/80.7 14
m0.3/so.3
m0.44/80.44

m0-3/503
44, 044
m®44/s°

m0.3 /50.3
m0.44 / 80'44

m0.3 /50.3
m0.44 / SO 44

o

=
~
Yo

,,g,,g,,gma 3 8 8 8 B B



Qlat

Rebyp ass

Rec
Re,
Re[)o

Re fin
Regap

Re[p

Mass flux through minimum flow area between the fins

Total flow through bundle

Mass flux through minimum flow area between the fins.
Mass flux through minimum flow area between the fins based

on M,
Fin heat transfer number

Mass flow rate of air through bundle

Mass flow rate through the bypass lanes
Mass flow rate through the bypass lanes

Mass flow rate through the duct

Number of gaps between rows in flow direction

Number of rows in flow direction
Number of tubes in the first rube row

Nusselt number
Fin frequency
Local row number
Latent heat duty
Duty per row

Superheat duty
Subcooling duty

Steam side heat transfer rate
Airside heat transfer rate

Static Pressure at approach to a tube row

Longnitudinal pitch

Static pressure at mean conditions over a tube row

Static Pressure at exit to a tube row

Prandt! number at bulk gas conditions

Transverse pitch

Ratio of fin gap to the thickness of boundary layer on the fins
Reynolds number of flow through bypass lane based on M,
Reynolds number based on the superficial bypasss velocity

and bypass lane width

Reynolds number of flow through bundle based on M,
Reynolds number of condensate through tubes

Reynolds number of bulk fluid based on the mean superficial

velocity and tube diameter

Reynolds number based on the fin velocity and base tube diameter
Reynolds number based on the gap flow velocity and base

tube diameter

Reynolds number based on the tube centreline velocity and base

XViil

kg/sm’

kg/s
kg/sm2

kg/sm®
1/m



tube diameter

Reynolds number based on the tube top velocity and Lms

Reynolds number based on the maximum mass flux and
base tube diameter

Reynolds number based on the tube top velocity and Lis
Row Turbulence Coefficient

Mean fin thickness

Sherwood number used in Sung et.al’s studies
Minimum bundle tflow area

Stanton number

Covariance matrix

Mean temperature at approach to a bundle
Gas temperature at inlet to a tube row

Temperature at mean conditions over a tube row
Gas temperature at exit

Temperature of single pass tube side fluid at inlet
Temperature of tube side fluid at inlet

Temperature of tube side fluid at outlet

Temperature at tubeside inlet

Temperature at tubeside outlet

Temperature at airside inlet

Temperature at airside outlet

Overall heat transfer coefficient based on total surface area
Combined expanded uncertainty

Instrument’s expanded uncertainty

Measurement expanded uncertainty

Overall HTC based on the total outside surface area per row
Bypass velocity

Bypass lane velocity
Inter-fin velocity

Instrument standard uncertainty
Measurement standard uncertainty
Mean superficial velocity

Reference velocity for turbulence intensity (face velocity)
Width of CFD model

Uncorrected airside bundle heat transfer coefficient
Corrected airside bundle heat transfer coefficient
Row specific, local, corrected heat transfer coefficient

XixX

W/m’K
W/m’K
W/m’K



3
a

A

Qa D

Measured airside coefficient referred to the total surface area W/m’K
Corrected value of o referred to the outside surface are W/m’K
Air side Heat transfer coefficient W/m’K
Tubeside heat transfer coefficient W/m*K
Tube wall heat transfer coefficient W/m’K
Measured airside coefficient W/m’K
HTFS2 fin tip clearance parameter -
Mean thickness of boundary layers on fin surface m
Maximum thickness of boundary layers on fin surface on
tube centerline m
Maximum thickness of boundary layers on fin surface on
tube top line m
Maximum thickness of boundary layers on fin surface on
fin top line m
Frictional pressure drop across bundle N/m*
Frictional pressure drop across bypass lanes N/m*
Pressure drop in bypassing lane N/m*
Frictional pressure drop across bundle with reduced mass flow N/m?
Pressure drop in bundle with corbels N/m’
Total pressure drop in bundle with corbel correction factor applied N/m”
Log mean temperature difference K
Increment value -
Fin efliciency -
Total fin surface area per unit approach area -
Corrected fin height for fin efficiency m
Surface effectiveness -
Airside dynamic viscosity at bulk conditions N/sm?
Dynamic viscosity of the condensate N/sm’
Dynamic viscosity of the steam N/sm’
Thermal conductivity of gas at bulk conditions W/mK
Condensate thermal conductivity W/m K
Fin thermal conductivity W/m K
Tube thermal conductivity W/m K
Pitch angle of subsequent tubes rad
Angle of tubes from horizontal rad
Density of bulk air/gas kg/m’
Condensate density kg/m’
Steam density kg/m’

Ratio of approach area to minimum flow area -

XX



CHAPTER1

Introduction



1.0 Introduction
This chapter introduces the background to the project, and explains some of the basics

of modelling crossflow finned tube heat exchangers, and the limitations to the work

presented in the thesis.

1.1 Crossflow heat exchangers
By the principle of conductive heat transfer it was found many years ago that using a

fluid one could add/remove heat from another fluid by passing it over a bank of tubes.
The tubes would act as a barrier between the fluid streams. In terms of crossflow heat

exchangers three cases can exist:

1. Air cooling; the air is the low economic value fluid cooling a high value fluid in
the tube

2. Gas cooling; the gas is the high economic value fluid and is being cooled by the
low value fluid in the tube.

3. Heat Recovery: the gas is the low economic value fluid and is passing heat to the
high value fluid in the tube.
It can be seen that 2 and 3, although different from an economic point of view, are

essentially the same process, therefore two processes will be regarded in the subsequent

sections of this thesis: Air Cooling and Heat Recovery.

It is known that by increasing the velocity of the gas more heat can be removed
from/added to the tubeside fluid. However this incurs two penalties: Large gas pumping
losses and high-speed flow induced structural vibrations that could lead to exchanger
failure. To overcome this the tube heat transfer surface can be extended. In the case of
this study this will be done with circular fins attached to the tubes. These fins help
conduct heat from/to their carrying tube by presenting a larger area on the gas side. This

benefits the process, as typically the tubeside fluid is a liquid with a relatively large heat
transfer coefficient on the small tube internal area, whereas the gas has a significantly

lower coefficient.

Typically there are two arrangements of finned tube banks; staggered and inline, as
shown in Figure 1.1.



The staggered arrangement is normally employed to maximise the heat transfer for a

given exchanger unit volume/plan area. Inline is often chosen 1n applications that suffer

heavy fouling and require regular cleaning.

Figure 1.1: Tube bank arrangements, showing the pitch parameters

It is not appropnate to indicate here the influence of geometric parameters such as the
Jayout angle of staggered bundles and the density of tube finning on bundles
performance, all of which is a task for the design engineer. The influence of some

parameters, however, will be explored in this thesis as appropriate.

1.2 Crossflow heat exchanger modelling
There are two main methods of modelling crossflow finned tube heat exchangers:

e Local (tube by tube or row by row) calculations that must be cumulatively
considered to determine a bundle’s overall thermal and pressure head loss. This

would typically be carried out by finite volume methods such as CFD, but can

be both expensive and time consuming.

e Bulk (averaged) calculations that are performed over an entire bundle to provide

total thermal and head loss prediction. These may then be reduced to local
values if necessary.

This study 1s largely concerned with the latter, for two reasons:

e Local measurements to help in the development of these local calculations are

difficult and extremely expensive to perform.



e Industrial interest in heat exchangers is largely concerned with the overall

performance.

The general objective of this thesis is to develop new algebraic models for the
prediction of the heat transfer and pressure drop of various tube arrangements that can

be used simply and quickly by process engineers.

1.3 Framework for PhD project
This project was carried out under the framework of the UK DTI (Department of Trade

and Industry) PTP (Postgraduate Training Partnership) scheme. In this scheme the
postgraduate researcher is placed at a RTO (Research and Technology Organisation)
under the auspices of a University. The RTO for this project was the National
Engineering Laboratory (NEL) in East Kilbride, Scotland. The University of

Strathclyde, Glasgow, Scotland was the associated university.

The work contained in this thesis was carmied out at the behest of HTFS, the Heat
Transfer and Fluid flow Service. Through their industrial sponsorship the experimental
heat exchanger bundies were provided, as well as access to a large databank of heat

exchanger data and the HTFS research network, Symposium reports and industrial
processes and methods handbook.

1.4 Limitations of the project
Before progressing to outline the work covered during the project, it is prudent to

explain the limitations of the materials that will be shown and discussed:

1. The models all refer explicitly to the air/gas side of the heat exchanger bundle.

2. The types of heat exchangers used in the testing and method development in this
report are all of circular tubes with circumferential, plain, high fins of medium to

high fin frequency. The models are not explicitly or implicitly valid for any
other type of heat exchanger.

3. The methods (unless stated) are bulk models that predict the overall performance
of the total heat exchanger bundle, these methods do not predict on a tube-by-

tube or row-by-row basis.



4. The methods are only valid within the limits of the databases from which they
are developed. Extrapolation beyond these limits, while reasonably allowed for

in the model construction, would be at the end users own risk.

5. All the models consider a single-phase dry air or gas passing across the finned
tube surface.



CHAPTER 2

Review of previous work



2.0 Introduction

This chapter presents a review of previous work conducted by other research

programmes in order to provide a starting point for the new research presented in this

thesis. The topics examined are listed below:

1. Prediction methods for staggered tube layout heat exchangers

2. Prediction methods for inline tube layout heat exchanger

3. Staggered bundles with vanous sealing devices at the duct wall, and prediction
methods to model this

4, Staggered bundles with bypassing flow between the bundle and duct wall and

performance prediction methods

5. The row-by-row heat transfer of inline finned tube bundles
6. A review of finned tube bundle modelling in CFD

2.1 Staggered bundle performance prediction methods
2.1.1 Correlations

Correlations are equations mostly derived from dimensional analysis of suspected
influences and regression of one form or another performed on experimental data to find

a compact solution usually presented in the form (or a variation) of:
W=X*Y*
where Y could be a flow parameter such as Reynolds number, Z is an experimentally or

statistically determined value, X is a correlation constant and W is the desired property

result.

The largest uncertainty in the gas crossflow heat exchange process is in describing the
flow of the gas through the bundle. This is normally attempted through a correlation
method based on a few geometric parameters such as number of tube rows, and tube

diameters. These methods have been very successful, but have been found to be limited

In geometries such as inline tubes and bundles with bypass channels.

As will be shown most workers have found that the Reynolds number based on the mass

velocity through the minimum flow area of the bundle is a good basis for a correlation.



This is referred to as the maximum Reynolds number through the minimum flow area
defined as

where Mmax is mass flow rate per unit of minimum flow area through the bundle

(kg/mzs), Dy is the bare tube diameter (m) and n, is the dynamic viscosity of the gas
(N s/mz).

In industry, to provide direct comparison between heat exchanger surfaces, the
dimensionless parameters j (Colburn j factor) and f (friction factor) are used to denote
the heat transfer and pressure drop performance, respectively. These are normally
plotted against the Reynolds number above to provide characteristic curves for
designers to work from. However it would be impractical to test every heat exchanger
geometry, and hence mathematical methods of predicting the heat transfer and pressure

drop performance are required to allow designers to estimate the behaviour of a design

when no test information is available.

2.1.2 Correlation methods
Kleinschmidt and Parsons [1] tested a number of extended surfaces excluding plate type

fins for aeronautical cooling applications They developed a wind tunnel which drew air
through the test exchangers by a large axial fan. Measurement of drag over the
exchangers was performed using a mechanical load cell, which saw the exchanger
balanced by weights via a fulcrum when no wind load was applied. When the wind
loading was applied the movement of the exchanger from its reference point was read
and, from the known calibration of the fulcrum, the drag force acting on the exchanger

could be determined. They then attempted to develop a generalised correlation for the
power absorbed by the cores. This is shown in Equ.2.1.

H.P.= C(R + ﬁJV (Equ.2.1)

where H.P. 1s the horsepower necessary to overcome the resistance of the test bundle, ¢

1S a constant of a conversion factor (1/375), R is the measured pressure loss of the

bundle in 1b/ft’, w is the weight of the test core in Ib/ft? and V is the free air speed
approaching the bundle in miles/hr,



It can be seen that this method contains three elements, two of which must be known to
calculate the other. It must be made clear that this method was developed around what

were standard exchanger cores at the time, so as such was a very limited design

correlation.

Kays and London [2] presented prediction methods for various types of heat exchanger
surfaces. They performed many tests on staggered finned tube bundles and presented a

method of determining the heat transfer and pressure drop performance. They showed a

very good treatment of the pressure drop problem and stated that the total static pressure

drop for air coolers was the sum of:
e Entrance effects (APpn)
e Exit effeets (APow)
e Gas acceleration (APacc)
e Bundle drag friction (APgric)

This was presented in the form given in Equ.2.2.
APTora! = A})In + AP, Fric + AP Acc +AF Out (Equ.2.2)

In the more developed model shown, the entry and exit losses were considered part of
the overall bundle calculation and included with the bundle friction model, provided the

flow was normal to the bundle entrance. The resultant model had a heavy reliance on

correction factors taken from charts.

Essentially, Kays and London were the originators of unified performance predictions
for crossflow heat exchangers, but their methods relied too heavily on empirical
corrections outside of the method itself, and as such were not considered complete by

subsequent researchers. However, almost every study featured in this review cites them

as a reference.

Briggs and Young [3] developed predictions for heat transfer from data collected from
air coolers. They used data from twelve air coolers with six tube rows in the flow
direction, all of an equilateral triangular pitch arrangement. From this they presented a
detailed mathematical treatment providing details of their data reduction and
determination of important parameters influencing heat transfer and pressure drop. They

reduced the measurement data into a series of correlations each detailing the different



aspects of the individual bundles they tested. They used this step-by-step analysis to

present a full correlation for the j factor, as shown 1n Equ.2.3.

0.2 0.1134
SF SF
i =0.134R '°-3'9(---) (---) w23
J e T - (Equ.2.3)

where Re is the maximum Reynolds number based on the mass flux through the

smallest flow area of the bundle, SF is the spacing between fins, H is the fin height and
TF 1is the fin thickness.

Their treatment of pressure loss was not a unified correlation, but rather an example of a
correlation for a specific tube bank in their databank. They cited that most friction factor

predictions showed standard deviations of approximately +40% and hence the notion of

developing a correlation was not appropriate.

Schmidt [4] used his measurements and the data of Jameson [5], Brauer [6] [7] [8] [®]
[10], Kays and London [2] and Hirschberg [11] to develop a heat transfer prediction
method. Analysing this data he found that the amount of extended surface had a direct
effect on the heat transfer performance; the more extended surface the higher the heat

transfer. He characterised this with the area ratio, which related the extended surface to
the bare tube area. His equation for the j factor is given in Equ.2.4.

A -0.375
j=045Re™*"" (;—‘-] (Equ.2.4)
b

where A; 1s the total gas side heat transfer area and Ay is the area of the bare tube.

He determined that his correlation had an accuracy of approximately 10-25%. He

attributed this to the varying effects of flow turbulence on the heat transfer from the
different wind tunnel measurements. Until Schmidt’s study, turbulence was not dealt
with, and has since not been treated fully by researchers.

Robinson and Briggs [12] studied the pressure drop characteristics of fifteen air cooler
tube banks with six tube rows with Reynolds numbers from 2000 to 50000. They
presented many correlations that they used to show the effects of longitudinal and

transverse pitch spacing and gave a thorough mathematical explanation of how they

arrived at each correlation. They concluded by presenting a simple correlation for the

10



friction factor that covered all of their data within a +6.6% error. This correlation is
shown in Equ.2.5.

09217
f=18.93Re (%-] (Equ.2.5)

r

where Re; is the Reynolds number based on the mass flow rate at the minimum cross

sectional area through the bundle, Pt is the transverse pitch of the bundle and D; is the

tube diameter.

This method appears to be the first to characterise the pressure drop data using the bare
tube diameter, moving away from an equivalent diameter (often referred to as the
hydraulic diameter) approach of previous methods. In their discussion they mentioned

that the overall loss in finned tube bundles is due to two components: fin skin drag and

tube form drag. They do not attempt to develop this into a multi component model
however.

PFR [13] is considered one of the most successful attempts to produce pressure drop
and heat transfer predictions, as it was based on a wide range of data. It was the
recommended method of HTFS, is currently the recommended method of HTRI (Heat
Transfer Research Incorporated), a large American conglomerate, and 1s used by many
independent heat exchanger design consultancies. It is based on 30 different data
sources and includes many arrangements of air cooler and some heat recovery data.
They presented a suite of models including corrections for inline bundles and bundles

with serrated fins. Their j factor correlation for plain fins is shown in Equ.2.6.

-0.17
j =0.29Re ™% (-j—'] (Equ.2.6)
b

It would appear that the PFR correlation layout draws on Schmidt [4], but there is no

reference made to him in their report, indicating that they independently drew a similar

conclusion with regard to the ratio of extended surface to the bare tube area.

Their friction factor method used a ‘hydraulic equivalent diameter’, which was an

attempt to characterise the bundle as a single structure. It was calculated from Equ.2.7.

DH = 4L-{-41;—"—"—* (Equ.2.7)

i

i1



where L is the overall length of the bundle in the flow direction, Apin is the minimum

gas flow area through the bundle and A, is the total heat transferring area.

The Reynolds number (Rey) would then be calculated from this and, the maximum mass
flow through the minimum flow area. The friction factor could be calculated from either

Equ. 2.8 or 2.9. If the ratio of the longitudinal pitch to the hydraulic diameter exceeds
4, then Equ.2.8 would be used, otherwise Equ.2.9 is used.

035
f=(150Re, " +1.8Re,™ 7%) (Equ.2.8)
P -0.42
f=13.6Re, ™ (ﬁ) (Equ.2.9)

where P is the longitudinal pitch.

While the PFR approach for friction factor is mathematically acceptable it does indicate

that the model 1s not accurately reflecting any of the flow processes occurring in the

bundle, although that is the nature of correlations.

The approach of Weierman [14] was to use multiple correction factors, similar to that of
Kays and London [2]. His studies centred on large diameter heat recovery tubes with
steel fins. In this respect his study is unique amongst the previously presented methods.
His models were suitable for bundles with more than six tube rows, but he included
correction factors for bundles with less than five tube rows. He presented his original

model in 1976, but quickly revised it, removing a term and re-presenting it nearly a year

later. His revised j factor correlation is given in Equ.2.10.

03 0.25
D.) | T, +273.15
'=C,C;C| £ | | e 2.10
= ’[D ] [TF+273.151] (£qu.2.10)

r

where C; is a flow term, a function of Reynolds number, C; is a correction factor

relating the fin height and the fin thickness, Cs is the row correction factor, T; is the

bulk gas temperature and Tr is the fin temperature.

The terms used by Weierman were an attempt to create a model that had physical
significance by deliberately separating the flow and geometry effects. It was still a
correlation, but the emphasis was on examining the individual elements with sub-

models. This was also reflected in his pressure drop correlation, given in Equ.2.11.

12
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0.5
f = 4C2C4C6(—I)—-] (Equ.2.ll)

r

where C, is a flow term, a function of Reynolds number, C4 is a correction factor

relating the transverse pitch and the bare tube diameter and Cg is the row correction

factor.

His models were particularly good for large diameter tubes, but were found to be
unreliable for air cooler geometries. This has indicated that the method was not a

complete prediction method, suggesting that his correction factors were biased towards
his data set.

Rabas et.al [15] presented methods for both the j factor and friction factor of staggered
bundles. It was developed from their own experimental work and the published results
from five other studies to ensure a broad range of applicability. Their predicted j factor
model was a correlation based on a number of physical parameters that they had shown
to be effective in altering heat transfer performance. Their correlations were valid for

Reynolds numbers (Remax) between 1000 and 25000. Equ.2.12 shows this correlation.

1.115 0.257 ¢ 0 666 D 0.473 D 0.772
' =0.29Re” _§_ ._S_ S / — Equ.2.12
J [D,] (hf} (S} (D,) (:,} vivy (Eq )

where s 1s the fin spacing, hris the fin height, t¢ is the fin thickness, yy, is the heating or

cooling correction factor and yy is the heat transfer bundle row number correction. The

index, n, 1s defined as a function of the fin diameter and the fin spacing as given in
Equ.2.13

D
n=-0415+0.0346 ln(——f-) (Equ.2.13)
)

The friction factor was calculated from a similar formulation, and is shown in Equ.2.14

0.251 0.759 0.729 0.709 0379
h
f =3.805Re™"** [—"’-'-] [—L) (D' ] (2—} (—‘-g—’-) (Equ.2.14)
D, ) D, Sy S

where St 1s the transverse tube pitch and Sy is the longitudinal tube pitch.

Their use of the ‘n’ parameter was designed to describe the effects of altering the fin

density. As the fin density increased, a negative value of n was achieved, therefore the

13



characteristics of their correlation changed to match the results they had found from

testing. This was a good attempt to provide a more physical approach to developing a

prediction method.

ESDU [16] presented a set of correlations for heat transfer and pressure drop. Their data
set however was limited to only a few low finned bundles but their model was valid for

a Reynolds number range of 1000 to 800000, or 100000 if the number or tubes per row

exceeded 10.

Equ.2.15 shows the ESDU j factor correlation.

0.36 PR . 0.06
j =183Re Pro®? [ _I;-:_ ) [ _D_f_] [_DT_] PPy (Equ.2.15)
J f f

where Pr is the Prandtl number of the bulk fluid in the exchanger, ¢r is a temperature

dependent factor to indicate heating or cooling and ¢y is the correction term for the

number of rows in the bundle.

The friction factor was calculated from Equ.2.16

~0.36 0.51 0.536
H -
S =4.71Re'°'m(f)r -1) [——{-) (ST D'] (Equ.2.16)

r ] SL'_Dr

ESDU found 1t necessary to include a bundle pitch term in their f factor correlation.
Compared to the other methods this is unusual, but was backed up by the data used for

the development. The performance of these methods was shown to be poor for

geometries outside of the limited database.

Chu [17] undertook a large review of all heat transfer and pressure drop material
available in the open literature, and from HTFS test results for staggered bundles. With
this information he postulated that, as there was no scheme for mathematical analysis
that adequately described the heat transfer and pressure drop around a finned cylinder,
the best approach should be an empirical equation. The geometry of a bundle is
normally known and fluid properties can be found or derived, so a regression analysis

was performed aimed at producing a correlation solidly based on these quantities.

His final correlations were based on the following method:

14



e Using an appropriate Reynolds number a rough equation of dimensionless

groups (the G terms) was built in the form

f(x)=bRe" GG, .....G,"

e The heat transfer equation was then converted to a linear form using logarithms:

log,, Nu,, =log, b+ nlog,, Re+ tlog,, Pr+aq,log,, G, +....... a, log,, G,

e The pressure drop equation was converted into a log form where the

dimensionless groups (G terms) were multiplied together for a fin skin drag Re
and a tube form drag Re with a single constant:

f = b(aoGla’lea'l .......(-1"‘-'::"'f Rc"" + COGIC’I + C;'z"'2 ___G“J Re 02 )m Gle,l G;'z....G-”

i

e Least squares regression analysis was then performed on the equations to

determine the constants.

The ultimate correlations from this strategy were Equ.2.17 for the j factor

| - Pf 0.264 Lf 0.212
j =0.0652Re™| —— 73 NP (Equ.2.17)
r |

where Pr is the spacing between the fins, H is the fin height, s is the fin thickness, Ly is

the length of the bundle in the flow direction, Nt is the number of tubes per row and Py
is the transverse pitch.

The friction factor is given by Equ.2.18

p -0.39 p -0.73
f = 13.295[7;-] [BL] Re™% (Equ.2.18)
R

Chu asserts that a physical property calculation in the form of Petukhov’s [18] relation
for high temperature difference flow in a pipe is necessary. This 1s because the

correlations assume a temperature difference of less than 100°C. This relation was not

tested and as such was not included in the presented equation. This meant that the

suitability of the correlation for heat recovery applications could be questioned.

As part of his study Chu evaluated the models of Briggs and Young [3], Schmidt [4],
PFR [13] and Weierman [14]. His model and the PFR model outperformed all the other

15



methods but his conclusion was that while his new model accounted for the correct

physics and showed a very good prediction in terms of scatter, the method of PFR [13]

was statistically superior and hence was the recommended prediction method for HTFS

applications.

2.1.3 Physically based models
Henry [19] studied the effects of the fin frequency and tube pitch and proposed a set of

theoretical models that attempted to look at flow in bundles by systematically altering
parameters to examine the effect of each of them on overall pressure drop and local
effects. He used a small-scale isothermal model, which could be fitted with different
finned tubes and had allowances for varying transverse and longitudinal pitches. This
was important work as his research had revealed that previously published work had

been built on a purely empirical basis of ratios and assumed relationships.

His findings were:

e Pressure drop was found to be proportional to the gas velocity raised to the power of
1.7 for finned and plain tube bundles. This finding was wholly experimental and did

not appear to have a theoretical basis.
e The dependency of pressure loss on fin frequency was nearly linear.

e As transverse pitch increases (no change in longitudinal pitch) the pressure drop
decreases.

¢ For a high fin frequency the change of transverse pitch has a much larger effect on

pressure loss than was previously found.

From these conclusions Henry presented a proposed modelling scheme based on
physical flow characteristics. Using fin tips touching as a baseline (no gap flow) he
proposed that, in agreement with Chu [17], the loss could be attributed to the skin drag
and form drag of the base tube. The derivation of this came from testing plain tubes and

measuring the pressure drop for a given pitch arrangement, then retesting with finned

tubes with 236 fins/m followed by 433 fins/m. The limiting case and the more practical
case are shown in Figure 2.1.
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Figure 2.1: Highest pressure drop case (left) and more practical case (right)

Henry then discussed a function to predict the decrease in pressure drop that he

attributed to the gaps that open up as the pitches increase, but only went as far as

describing how 1t may work.

The skin drag contribution was then calculated as a function of Reynolds number, a

ratio of fin surface area to approach area (to be proportional to the fin frequency) and
the flow area ratio. The derivation of this came from the testing of the plain tubes and
measuring the pressure drop for one pitch arrangement, then retesting with the finned
tubes. A friction factor describing fin skin drag was presented that was to be used with a

tube drag function. The tube drag function was developed from data presented by
ESDU [20].

Essentially Henry did not present a usable model for pressure drop prediction, but
provided a good basis for further study.

Ralston et al. [21] reviewed the work of Henry and assembled a databank of heat
transfer and pressure drop data using HTFS data sources and published results for both
air coolers and heat recovery applications. They used the relationship of the air velocity
raised to the power of 1.7 and devised a new method of calculating the pressure drop

based on a variation of the standard equation for aerodynamic drag force given below:

Fpee = -;—-pVZCdA

-where p is the freestream density, V is the freestream velocity, Cq is a drag coefficient

and A 1s the frontal area of the body under investigation.
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This standard relation was transformed into Equ.2.19

AP =K, puol'-’ (Equ.2.19)

where Kg 1s a bundle loss coefficient, p i1s the mean density of the fluid in the bundle

and u, 1s the mean velocity through the bundle.

The bundle loss coefficient was developed from the following approach:

e The pressure drop will be highest when the fin tips are touching, so the total
resistance will be attributable to the fins and the base tube.

e A gap between the fins will allow flow to pass through, lowering the overall
pressure drop.

By examining the HTFS databank a pressure loss coefficient for the base tubes was
found from the plain tube bundle data of ESDU [20]. The fin contribution was

determined from a function based on the ratio of the approach area to the minimum flow

area (o) and the total fin surface area per unit approach area (¢), which were calculated

from Equs.2.20 and 2.21 respectively.
——(—(-——DDf (Equ.2.20)
o= qu.2.
)= —— (Equ.2.21)
2D,

The fin skin drag was then calculated from Equ.2.22.

K e =2.65-107 g5’ (Equ.2.22)

The total tube and fin friction was then calculated by summing the tube loss coefficient

and the fin skin coefficient to give a maximum pressure loss coefficient (Kg).
The gap loss coetficient was found from Equ.2.23.

K p =(Ng =1)(l - 0.65tanh(28(P, - D, ))) (Equ.2.23)

The assembled bundle loss coefficient, when there is a fin gap, was presented as

Equ.2.24. Otherwise the bottom line collapsed to unity and the loss coefficient was
simply Ka.
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Ky=rrio—— (Equ.2.24)

This bundle loss coefficient was substituted into Equ.2.19 and a correlation constant

defined over the contents of the databank to give the final pressure loss prediction
shown in Equ.2.25

AP =13K,pu,"”’ (Equ.2.25)

This loss coefficient took the method away from previous methods of using a friction

factor (f-factor) approach. The loss coefficient recognises the physical aspects of the

flow, as the Kq term is derived from separate tube loss and a fin loss coefficients.

The heat transfer correlation was also approached from a more physical angle, with the
driving flow parameter identified as the Reynolds number over the fins. A balance of
the pressure loss over the bundle showed that the product of the velocity over the fin
combined with its loss coefficient would equal the loss of the whole bundle and the

relationship was described as

17 17
Kgu,” =K,u,

which allowed the calculation of the fin velocity as shown in Equ.2.26

1
Ky

17
=| —£- Equ.2.26
uf [Kﬂ ] U, ( qu )

Ralston et al. believed that the heat transfer could all be attributed to the fin region and

so developed a j-factor equation based on the Reynolds number, based on this fin

velocity. This 1s shown in Equ.2.27

j=0.215Re ,'0‘405 A7 (Equ.2.27)

' g

After testing this model it was found that while the new model outperformed Chu [17],
which had been shown to outperform previous methods, both its pressure drop and heat

transfer predictions were not as accurate as those of PFR [13] for some larger tube

diameter bundles.
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Due to this performance, Ralston and Chu [22] re-examined the Ralston et al. method
using all the available data and revised the model. The tube loss coefficient remained as
it was but a new parameter was devised, B, to define the fin tip clearance. This

parameter was used in both the new fin loss and gap loss equations. The re-evaluated

loss coefficient was as shown in Equ.2.28 and 2.29.

K, =21.87g0441410) 51 (Equ.2.28)

0.31
K, =(Ng -D[l-9.72tanh(- 0.79 ﬁ)(-]g-] (Equ.2.29)

The structure of the overall bundle loss coefficient was as shown in Equ.2.24, so the

new pressure loss equation was as shown in Equ.2.30

AP =0.024K , pu,"”’ (Equ.2.30)

In an attempt to characterise the interaction between the gap and fin flow a twin
Reynolds number approach was investigated to develop a new correlation for the heat

transfer. They added the maximum Reynolds number as this is based on the minimum

flow area of the bundle and was thought to represent gap flow. This led to Equ.2.31
below.

0368 , -0.15
A

j=022Re,  Re,, ,, (Equ.2.31)

After presenting the updated model they went on to compare it with the best previous
model, that of PFR [13] and showed that

e The level of data prediction was superior to that of PFR

e That PFR performed poorly for heat recovery applications in comparison

However it was later revealed that this model could severely undepredict pressure drop
performance for bundles with a large number of tube rows (deep bundles) and very

small fin gaps. This accounts for a reasonable amount of air cooler bundles and hence
cast doubt over the method.
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2.1.4 Conclusions

Total bundle pressure drop is the sum of gas acceleration effects as well as the

frictional pressure loss.

The earliest model, Kays and London, was deduced from physical behaviour but
its effectiveness was diminished by its difficulty of use. Subsequent models
simplified the prediction process, but at the expense of understanding. Gradually
models became more sophisticated, blending physical observations and

behaviour with mathematics and statistics.

Devising a general correlation that suits both types of heat exchangers (heat

recovery and air coolers) is very difficult and requires a number of

considerations as to the similarities and dissimilarities.
Reliable data is required to develop an effective and general prediction method.

The best available previous method was found to have a serious deficiency, and
needs to be addressed.

2.2 Inline Bundles

The most common tube arrangement used in heat exchangers is the staggered layout

mentioned previously. The lesser-used layout is the inline arrangement. As the name

suggests the tubes are arranged inline with each other in one of the arrangement shown

in Figure 2.2

Flow Direction ————>

Figure 2.2: Finned tube bundle pitch arrangements
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As the tubes lie directly behind each other the area presented to the gas-side flow is
reduced and thus the frictional pressure drop is reduced. This also means that the
subsequent tubes lie in the wake of the previous tubes and the heat transfer performance

is reduced when compared with a comparable staggered bundle.

2.2.1 Correlation methods
Schmidt [4] analysed his experimental heat transfer data and data presented by Brauer

[6] [7] [8] [9] [10] to develop a prediction method for the heat transfer performance of
inline bundles. Equ.2.32 shows his j factor prediction.

y -0.375
j =0.3Re™" (‘j"’) (Equ.2.32)
b

It can be seen with reference to Equ.2.1.4 that he used the same layout of vanables, and
even the same exponents, which indicates that instead of performing a new analysis on
the inline data he used his observation that for a given face area an inline bundle will
transfer approximately 66% of the heat of a staggered bundle.

His statements of the prediction accuracy described in Section 2.1.2 applied to inline

bundles as well, as does his assertion that inlet turbulence has affected the scatter of the

prediction against his data. This method did not appear to be well received, as it appears

to be rarely quoted in other publications.

PFR [13] presented correlations valid for 400<Re<10", and as with their staggered
method these are used by HTFS, HTRI and many independent companies.

Equ.2.33 shows their j factor prediction.

j=029Re, ™" Ar*k, (Equ.2.33)

It can be seen that the only difference from Equ.2.1.6 is the addition of a correction

factor (k;). As with Schmidt [4], PFR use a correction factor of 0.67 to calculate the heat
transfer for inline tube bundles with plain high fins.

The friction factor correlation Equ.2.34 is also only modified from Equ.2.8 by a
correction factor, kg, which is quoted as 0.6.
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0.35
f=150Re, " +1.8Re h-o:z l:——-—:l k, (Equ.2.34)

PFR did state that they did not have enough inline data to properly derive an inline
method; hence the reason why they used a constant based on observations of the slope

of the j and friction factors for inline bundles when compared with otherwise similar

geometry staggered bundles.

Weierman [14] made a concerted effort to characterise the inline heat recovery bundles
in his databank. His basic equations were those presented in Equ.2.10 and 2.11, but the

correction factors were altered to reflect his data specifically for inline bundles.

There have been many experimental studies on inline bundles published but few
presented a performance prediction method, and as shown those that did tend to treat the

inline models as being secondary to the, admittedly more popular, staggered

arrangement. On this basis they are not presented here.

2.2.2 Physically based models
Chu and Ralston [23] proposed a set of models that predict inline bundle performance.

To determine these they drew from the published results of Brauer [7] [8] [24] and
Schmidt [4]. Using the same principles as they developed for staggered arrangements
shown in Section 2.1.2 they examined the gap and fin loss coefficients and found that

the adjustment to Kg,s was the removal of the fin tip clearance exponent, to a format

more like that of Ralston et.al. This is shown in Equ.2.35.

K ., =0.049g0" (Equ.2.35)

They found that the gap loss could be reduced to a simple function of the number of

rows, to characterise the longitudinal gaps between tube rows. This is given in
Equ.2.36.

K., =Ng-1 (Equ2.36)

The overall bundle loss coefficient structure was the same as that shown in Equ.2.24, so

the assembled pressure loss model, with its correlation coefficient was as given in
Equ.2.37.

23



AP =0.67K,pu, " (Equ.2.37)

On the basis that the models would work in the same way as those of Ralston and Chu

[22], they again used multi dimensional regression analysis on their heat transfer
prediction to produce this equation (Equ.2.38):

max

j=0.29Re ﬁno'm Re 7% 4r0¥ (Equ.2.38)

When they compared their predictions against other methods it was found that the new
models did not perform as well as those of PFR [13]. They acknowledged the relatively

poor data that they had used was likely the cause of this, and stated that this new model
could be developed as further if more test data was available.

2.2.3 Conclusions

e There are significantly fewer inline bundle prediction methods available than
staggered methods.

o Inline methods have often been treated almost as an afterthought when studies
have been conducted. This can be seen in Schmidt and PFR where the heat

transfer and pressure drop are treated as a constant fraction of that of staggered
bundles, although flow patterns differ substantially.

e Inline bundles present a notably different problem in terms of flow features

when compared with that of staggered bundles.

o If new data became available the method of Chu and Ralston [23] could provide

a basis for a new prediction method.

2.3 Use of Corbels as wall sealing devices
In research, heat exchangers are almost always tested with inactive (non-heat

transferring) half tubes (corbels) placed at the bundle top and bottom walls to prevent
the crossflow from bypassing the tubes, as shown in Figure 2.3.
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Figure 2.3: Staggered arrangement and corbel positioning

Ideally these corbels would be a complete half section of the finned tubes being used in
the active section of the bundle. In practice, however, designers usually avoid finned
half tube, as it is cheaper to use other shapes based on more readily available sections.
Since the shapes are variable the flow patterns and resistance to flow will vary thus

influencing the bundle pressure drop. Figure 2.4.shows diagrams of typical sections

available.

Wy

half tube finned half tube inverted V
square section tapered block

Figure 2.4: Typical sections used to seal the wall region

For cost reasons the inverted v, sealing strip and square section are the most popular,
with half tube being rarely used. A tapered block is popular in heat recovery

applications when manufactured in firebrick or another high temperature ceramic, but

because this requires special manufacture it is not often used.
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It is expected that the influence of corbels on bundle performance diminishes as the
number of tubes per row in the bundle increases. In heat recovery bundles the number of
tubes per row is usually much less than that used in air cooler applications since the

tube diameter used is normally bigger. Therefore the influence of corbel presence and

shape will be more pronounced.

In a survey of the open literature there was little information about testing of sealing

devices.

2.3.1 Results
The study by Jameson [5] was one of the earliest reported that used corbels. He

explored the effect of the flow that bypassed a finned tube bundle and reported that by

using angle baffles (sealing strips in Figure 2.4) the heat transfer could be increased by
up to 15% over his bypassing bundle.

Robinson and Briggs [12] describe all their test bundles as having finned half tube
corbels enabling them to state that the flow through their equipment 1s of a perfect flow

pattern, however no further mention was made of them.

Weierman [14] made reference to wall sealing devices in his list of assumptions and
limitations to his prediction method. A worked example of his prediction method for a
staggered bundle with segmented fins notes the usage of inverted v corbels, but made no
mention of their effects on pressure drop or thermal performance. Similarly in a further
study Weierman noted that all his test data for plain and segmented fins was recorded
with half tubes on the roof and floor of the ducts, but it i1s not clear whether they were
plain half tubes, or finned half tubes, similar to the ones used in the individual tests.

Rabas and Eckels [25] showed results for a bundle with different sealing methods. They
used sealing strips and a wavy plate wall, as shown in Figure 2.5.

26



¥Fmned tube

Wavy plate

Figure 2.5: Wavy plate corbels of Rabas and Eckels [25]

The corrugated plate was an approximation of the inverted v corbel and showed
surprisingly poor thermal performance. Their conclusion was that the thermal
performance remained approximately the same as with bypassing, but the pressure drop

increased substantially. This is perhaps why wavy plate was not found in any other
study.

Their testing of a 14-row corbelled bundle yielded the following results:

o If half tubes are used the heat transfer increases as does the pressure drop over

the bypassing case.

e Two sealing strips, at the 6™ and 10™ rows, yield the same performance as a

complete set of half tubes.

e Sealing strips in each alternate row give the highest thermal performance and
pressure drop

e If cost is a key factor, sealing strips in every second row will produce results

similar to half tubes in each row.

Their conclusions were that corbels are an important design consideration, however, no

effort was made to characterise the effects other than a very small presentation of results

for friction factor and j factor, which exhibited a lot of scatter, and no effects prediction

model was presented.

Eckels and Rabas [26] tested a three row hot-water heated bundle with five tubes per
row, and took the unusual step of using active half tubes at the wall by connecting the
hot water supply to their bundles into full finned tubes, and then filling the duct up with
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epoxy resin to create a floor and roof with half tubes embedded into them. After the

initial mention of this no discussion was made on the effects of doing this.

Kroger [27] made great efforts to achieve a perfect bundle in his study of the pressure
drop and heat transfer of various bundles. He tested a four row staggered bundle, and
used plaster to fill in the tubes nearest that wall to create perfect flow conditions.
However no mention is made of the effects of this is made as he develops his method,

other than reference to having perfect flow and thermal bundles.

2.3.2 Conclusions
It can be seen from the above that little attention is paid to the wall sealing devices, yet

most presented prediction methods always make a vague statement that their data was

taken with something in place to prevent bypassing. It is also clear that no one has

presented a calculation method that takes account of the effects of corbel shape on
bundle thermal and hydraulic performance

2.4 Bypassing flow prediction methods

Bypassing occurs in tube bundles when the flow at the edge of the bundle passes

straight between the duct wall and the tubes/fins. This would typically occur because
half tubes or other corbels have not been fitted to the duct wall.

2.4.1 Plain tube bundle studies
ESDU [28] presented a method of calculating the pressure loss and heat transfer over

plain tube banks that was based on adding a correction factor to their tube bundle

calculations. It was based on a ratio of the area of the bypass lane to the minimum flow

area through the tube bank. This method is summarised below:
e (Calculate the frontal areas of the bypass lanes and tube bank.

e Determine a bypass coefficient and an unexplained factor, q, from curves using

the geometric ratio of bypass lane width to tube diameter, Reynolds number and
the longitudinal pitch to diameter ratio.

¢ Determine the bypass correction factor from a relating equation.

e Multiply the ESDU crossflow pressure loss coefficient equation by this

correction factor and proceed to calculate the pressure drop.
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The stated accuracy of the method was very low and due reference was repeatedly made

to the lack of data, and poor understanding of the phenomena.

The HTFS method [29] recommended for bypassing in plain tube banks was an
amalgam of that of ESDU [28] and Russell and Wills [30]. The method was built on the
simple principle of pressure drop equality in the bypass lane and the tube bundle:

AP, tow = APy pacs
This assumes that the pressure drop in the tube bundle is equal to that of the bypass
lane(s), that there is no mass transfer between the tube bundle and the bypass lane and
also has the added assumption based on the Russell and Wills [30] study that the
approximate mass flow split will be 70:30, bundle to bypass, at the exit of the

exchanger, regardless of the geometry. This approximation was queried by Martin et al.
[31]. The method was also not valid for tube bundles with less than six tube rows.

Martin et al. [31] performed isothermal experiments on a plain tube bundle with half
tubes at one wall, and bypass at the other. The plain wall had a variable height
mechanism and allowed the amount of bypass to be altered. By measuring the amount

of mass flow in the bypass lane at the exit they determined that the mass flow that

would be lost from the tube bundle was a function of the bypass width. Their

conclusions were:

e The amount of bypass flow and bundles crossflow at entry could be

approximated by the geometric areas of the two regions.
e The flow splits at the outlet were not related to the geometric area.

e The percentage of mass flow increase to the bypass lane from the bundle was
not linear with the percentage increase in bypass lane width.

They tested the ESDU prediction method on their experimental data and found that for

staggered bundles the pressure drop was overpredicted. They also tested a method

presented by Bell [32] and found it to underpredict. No values of the levels of over and

underprediction were presented, as the authors stated that the data would be presented in
a future publication.
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2.4.2 Finned tube bundles
Rabas and Taborek [33] presented a review of forced convection processes and their

conclusions of a study that examined half tubes (corbels) and angle strips (sealing
strips) [25]. They propose that correlations based on corbelled bundles are simply not
satisfactory for bypassing bundles, as they will overpredict the thermal performance,

and the pressure drop will be overpredicted, leading to a particularly under specified
bundle.

Mueller and Chiou [34] reviewed flow maldistribution in many types of heat
exchangers. They concluded that in experimental testing with bypass lanes the recorded
outlet temperatures, and thus the bundle temperature difference, heat transfer coefficient
and other parameters, will be incorrect. They explained that the loganthmic mean
temperature difference (LMTD) for a bundle tested with bypass flow must be modified

with a correction factor. The correction method they showed was that of Fisher and
Parker [35].

The Fisher and Parker [35] method was based on shell and tube heat exchanger designs
and was presented in a graphical form. It showed that for a given leakage ratio (the
amount of bypassing flow to the overall flow) and number of sealing devices (baffles in

shell and tube terminology), the ‘F’ correction factor could be found. This could then be
applied to the determined LMTD for a given bundle.

2.4.3 Conclusion
Many studies have been conducted on bypassing flow in plain tube banks and methods

are available for their prediction performance.

Finned tube bundles with bypass have been studied by a few workers, and despite this

no open literature method for the prediction of pressure drop or heat transfer was
presented.

There are a few available studies of shell and tube exchangers with bypassing, but these

are mostly concerned with cylindrical shells, and share no common features with the

exchanger types discussed in this thesis.
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2.5 Development of heat transfer over an increasing number of
tube rows

Note: Heat transfer coefficient will be abbreviated to HTC 1n the following sections to

avoid repetition.

The heat transfer duty of the individual tube rows will vary with increasing row number

as the flow passes through the bundle. This is due to two main factors:
e The temperature difference between the crossflow and the tubeside flmds

¢ Turbulence; both inherited from the freestream and generated in the flow as it
passes over the exchanger tubes
The following presents a review of the limited literature on the subject of finned tube

bundles. The reasons to concentrate on the lesser used inline bundles will become clear
in Chapters 10.

2.5.1 Approach to experiments in row effect
Zukauskas and Ulinskas [36] explained that there are two methods of determining the

row effect in experimental studies:

e Alter the number of rows in the bank and measure overall performance

o (Constant number of tube rows and the heat transfer is measured 1n every row

Using a bundle with many tube rows leads to fully developed flow. This is the
establishment of a pattem where no extra turbulence is generated due to a
generation/disstpation cancellation effect as noted by the isothermal studies on plain
tube banks by Pearce [37, 38], Zdravkovich [39], Lam and Fang [40] and others. To
measure this with heat transfer a test bundle would need to be instrumented with many‘

thermocouples. This would incur a great deal of complication, expense and could

interfere with the flow, which is why it has been rarely done.

Neal and Hitchcook [41] conducted studies on a large scale staggered finned tube
bundle with nine tube rows. The arrangement, however, was barely representative of
normal tube bundle, as each row consisted either of two half tubes at the walls, or a
single full tube. The method they used for collection of heat transfer data was peculiar,
as their half tubes and full tubes were manufactured from wood, with only one metal,

heated, finned tube. This single heated tube was moved from row to row and a
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measurement taken. It is believed that this method of studying the row effect is not
valid, as the only row affected quantity of the flow will be the turbulence. There will be

no temperature difference from previously heated tlow, so the measurements will be

skewed with turbulence effects.

Hashizume [42] presented heat transfer and pressure drop data for staggered and inline
finned tube banks, and he conducted his experiments in the same manner. Therefore his

conclusions are believed to be invalid for the same reasons as those of Neal and
Hitchcook above.

2.5.2 Results of plain tube inline bundle studies

ESDU [43] presented a method to calculate the heat transfer of a specific tube row in
banks of plain tubes. The ESDU method is based on calculating the average HTC for a
bundle from a formula based on flow physical properties and three correction factors;
number of rows, tube inclination to flow direction and a tube wall temperature
correction. The local row correction factor is then applied from a lookup table to find

the individual row’s HTC. The row correction factors given for inline plain tube banks
are shown 1n graphical form as in Figure 2.6.

ESDU inline row correction factors for H.T.C, for Re > 1043
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Figure 2.6: ESDU correction factors for inline banks of plain tubes

It can be seen from Figure 2.6 that the correction from the overall HTC for the first tube

row is quite low (0.73) and this increases to a maximum of 1.08 by the eighth tube row.
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The correction then decreases to become asymptotic at 1.02 for thirteen and above tube
rows. What this shows is that the row coefficient will be lowest on the first tube row,
and highest between the 7" and 9™ rows. The coefficient will stabilise after the 13™ row.
It should be pointed out that this applies to tube banks where the crossflow Reynolds

number 1S greater than 10°. Below this Re value another curve applies, but 1s not felt

relevant to forced/induced draft crossflow heat exchangers.

2.5.3 Results of finned tube inline bundle studies
Brauer [10] showed that for inline tube banks with an extended surface to bare tube area

ratio of approximately nine, the heat transfer decreases as the number of tube rows
crossed increases. He found that the dependence of the heat transfer on the number of
tube rows decreases as the approach velocity increases. Critically, he states that stable
heat transfer, whereby the temperature rise of the air in the bundle becomes monotonic
with increasing tube row, occurs by the fourth tube row. As the ratio of extended
surface to bare tube ratio decreases the heat transfer becomes less dependent on the
number of the row, and then finally increases with the number of tube rows, mimicking
the behaviour normally found in banks of inline plain tubes. At this condition, the heat

transfer then increases, due to turbulence, as the number of rows increases, in a manner
noted by the ESDU [43] method above.

Later, Brauer [24] discussed the flow fields for inline finned tube bundles. He showed
that there was a large influence on the heat transfer of inline bundles by the gap flow
stream between the fin tips in the transverse direction, essentially stating that the flow
could be categorised as either tube and fin flow or gap stream flow. The bulk of the heat
transfer would be done by the tube and fin flow, and the gap flow would essentially
bypass the finned tubes and not contribute to the heat transfer process. He mentioned

that there might be some mass interchange between the two streams.

Rabas and Huber [44] studied deep and shallow inline finned tube banks and measured
temperature profiles both in the transverse gaps between tubes, and in the longnitudinal
gaps between tube rows in a segmented fin bundle. Their study was biased towards

comparison of inline tube banks with staggered banks, but they put forward the

following conclusions:
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1. A number of tube rows are required before fully developed flow patterns
exist and heat transfer stabilises. This number of rows depends on the
Reynolds number of the flow.

2. The entrance effect, whereby the flow field is not yet established, effects
shallow bundles (small number of tube rows) to a greater extent than in deep
bundles.

3. The heat transfer performance of deep inline banks ‘should increase with, or
be almost independent of, the number of tube rows.

The bundle for which their temperature profiles were taken had 15 tube rows and 4
tubes per row, with serrated fins. It is therefore assumed in this instance that the gross
flow behaviour is not modified significantly from the plain high fins that are the focus
of this thesis. Their process side fluid was condensing steam. They state that they used

the forced draft method of passing the air over the exchanger, implying a moderate level
of turbulence in the approach to the bundle.

Their results concentrate on considering the overall heat transfer coefficient based on

the overall surface area for each row using the classic formula:
QRW =h'ATao‘ .AT
where Q is the calculated duty per row (W), h is the overall HTC based on the total

outside surface area per row (W/m’K), At is the total outside surface area of the row

(m®) and AT is the LMTD (K) over the row.

While they did not present their measured heat transfer coefficients, or tube duties, as
they clearly state that their data was not of suitable quality to publish, they did state that

their row correction factors were largely similar to those of ESDU.

The bundle data described in detail by Rabas and Huber was used by Bell and Yang
[45] who developed a model based on two distinct streams; tube/fin and gap flow. They

postulate that the row effect in inline bundles is due to the flow mixing, or lack thereof

between these two distinct streams.

Figure 2.7 shows their calculated row heat transfer coefficients. The derivation of these

are based on their model, the temperature profiles of Rabas and Huber [44], the velocity

profiles of Weierman et.al [46] and the heat transfer coefficient prediction method of
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Briggs and Young [3] to provide a validation. Using these inputs they calculated an
overall bundle HTC, and then overall row HTCs. They then determined that the overall
HTC, based on the total outside surface area per row, increased with increasing tube

row number. Their results are shown 1n Figure 2.7.
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Figure 2.7: Heat Transfer Coefficients of Yang and Bell (1993)

The only suspicious result is that of the Re = 21000, which, as clearly stated, had the
first five rows thermally inactive. However it can be seen that the HTC between sixth

and seventh rows rises sharply, as by now the flow field and the bypass flow between
the tubes in the flow direction would be fully developed. This adds credence to their
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